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Abstract 

Vibration quality is a vital indicator for assessing the progress of modern equipment. The dynamic vibration absorber 
(DVA) based on the acoustic black hole (ABH) feature is a new passive control method that manipulates waves. It 
offers efficient energy focalization and broad-spectrum vibration suppression, making it highly promising for applica-
tions in large equipment such as aircraft, trains, and ships. Despite previous advancements in ABH-DVA development, 
certain challenges remain, particularly in ensuring effective coupling with host structures during control. To address 
these issues, this study proposes a partitioned ABH-featured dynamic vibration absorber (PABH-DVA) with parti-
tions in the radial direction of the disc. By employing a plate as the host structure, simulations and experiments were 
conducted, demonstrating that the PABH-DVA outperforms the original symmetric ABH-DVA in terms of damping 
performance. The study also calculated and compared the coupling coefficients of the two ABH-DVAs to uncover 
the mechanism behind the enhanced damping. Simulation results revealed that the PABH-DVA exhibits more coupled 
modes, occasionally with lower coupling coefficients than the symmetric ABH-DVA. The influence of frequency ratio 
and modal mass was further analyzed to explain the reasons behind the PABH-DVA’s superior damping performance. 
Additionally, the study discussed the impact of the number of slits and their orientation. This research further explains 
the coupling mechanism between the ABH-DVA and the controlled structure, and provides new ideas for the further 
application of ABH in engineering.
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1 Introduction
Vibration reduction is a crucial issue that must be con-
sidered for many equipment devices [1, 2]. As a passive 
damping technique, acoustic black hole (ABH) structure 
has a great prospect for vibration and noise control due 
to its wide applicable frequency range, light-weight as 

well as simple and flexible implementation [3]. In one-
dimensional cases, an ABH structure is wedge-shaped, 
with its thickness varying according to a power-law func-
tion. When bending waves propagate to the conical tip, 
their phase velocity gradually decreases to zero, resulting 
in zero reflection, theoretically [4]. In two-dimensional 
cases, a similar occurrence can result in the formation of 
a lens that can focus the wave energy at a specific loca-
tion [5]. By using a small amount of damping substance 
at the ABH region’s thinnest area, the bending waves can 
be effectively slowed down, concentrated and finally dis-
sipated. This process can be used to suppress structural 
vibration, which makes it possible for prospective engi-
neering applications.
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Existing researches on ABH are grooming in the past 
few decades, including many aspects such as theoretical 
analyses [3–8], experimental researches [9–12], struc-
tural design [13–17], optimization [18–20] and some 
burgeoning engineering applications such as vibration 
and noise reduction and energy recovery [21–25]. The 
most recent evaluations of the state-of-the-art in ABH 
research as well as some prospective applications were 
provided by Pelat et al. [26] and Zhao et al. [27]. However, 
in the majority of the above researches, ABH is embed-
ded into a structure via thinning thickness. Though light-
weight, such ABH structure suffers from compromised 
structural stiffness and strength, which hinders its use 
when certain load-bearing capability is required.

Recently, the concept of add-on ABH-featured dynamic 
vibration dampers was proposed for broadband vibra-
tion suppression [28]. The working principle embraces 
the advantages of both dynamic vibration absorbers and 
waveguide absorbers [28–32]. Early adoption of ABH 
principle in a DVA structure is a 1D resonant beam 
damper proposed by Zhou et al. [28], followed by more 
sophisticated designs such as ABH-based circular and 
eccentric dynamic vibration absorber by Ji et al. [29, 30], 
a planar swirl-shaped ABH absorber by Zhou et al. [31], 
and a spiral ABH waveguide absorber by Park et al. [32]. 
It is worth mentioning that Ji et  al. proposed the sym-
metric [29] and eccentric [30] dynamic vibration absorb-
ers based on two-dimensional ABH (2D SABH-DVA 
and EABH-DVA) to deal with multi-directional flex-
ural waves. These studies demonstrated that only a few 
modes of the symmetrical vibration absorber can be cou-
pled with the host structure; the selective coupling mode 
hinders the vibration suppression ability of the device, 
a problem which can be tackled to some extent by an 
eccentric design. In Ref. [30], the coupling coefficient is 
defined to evaluate the coupling effect between the host 
structure and add-on structure. However, the above 
studies are only limited to discussing the influence of 
modal shape on the coupling effect. Effects of other fac-
tors involved in the coupling such as modal vector, fre-
quency ratio, mass matrix and installation angle, remain 
unknown.

To tackle the aforementioned problem, a new par-
titioned ABH-based dynamic vibration absorber 
(abbreviated as PABH-DVA) is proposed as an aux-
iliary add-on device for the vibration reduction of a 
vibrating structure under control. The proposed con-
figuration retains the basic ABH profile with partitions 
along the radial direction of the disc, thus preserving 
the energy focalization characteristics at each cut seg-
ment. Both simulation and experimental results show 

that, breaking its structural symmetry, the proposed 
PABH-DVA not only improves the coupling with the 
host structure, but also increases the modal density of 
the add-on ABH structure owing to the cutting slits 
to enhance the chance of coupling with the vibration 
modes of the host structure, so as to improve the vibra-
tion suppression performance. The slot position of the 
add-on ABH structure does not need particular opti-
mization, while the traditional passive DVA damper 
often needs meticulous adjustment to achieve good 
control results. To revealing the damping mechanism 
by the PABH-DVA, the influence of the frequency ratio 
between a mode of the DVA and that of the host struc-
ture is considered. Mathematical expressions of the 
resonance frequencies and the modal amplitude at the 
two resonance peaks of the coupled system are derived. 
Numerical examples are conducted for typical val-
ues of the frequency ratio and coupling coefficient. To 
consider the influence of mass ratio, modal participa-
tion factor and effective modal mass, which are closed 
related to the coupling coefficient, are introduced. The 
effective modal mass proportion and the accumulative 
modal mass proportion of the PABH-DVA are calcu-
lated and compared with those of the SABH-DVA. The 
influence of the number of slits and the installation 
angle is also investigated. Both the simulation results 
and experimental results show that the PABH-DVA 
outperforms the SABH-DVA in terms of vibration sup-
pression performance.

A partitioned ABH-based dynamic vibration absorber 
(PABH-DVA) is proposed in this paper to address the 
problem of selective coupling encountered in tradi-
tional ABH-DVA for vibration reduction. To analyze 
the vibration suppression mechanism of the PABH-
DVA and clarify the mass effect in coupling, the fre-
quency ratio is defined. The study also investigates the 
influence of the number of slits and the installation 
angle. The findings demonstrate that achieving a large 
coupling coefficient and an appropriate frequency ratio 
are crucial prerequisites for achieving effective vibra-
tion suppression.

The paper is organized as follows: Section 1 provides 
an introduction to the study’s focus. Section  2 pre-
sents the geometry, vibration damping performance, 
and coupling analysis of the PABH-DVA. In Section 3, 
the mechanism behind the enhanced damping effect 
is discussed. Section  4 examines the influencing fac-
tors, including the number of slits and the installation 
angle. Experimental results are presented in Section 5, 
and finally, Section 6 summarizes the conclusions. The 
research flowchart of this article is shown in Figure 1.
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2  PABH‑DVA and Its Vibration Damping 
Performance

2.1  Geometry of the PABH‑DVA
The symmetrical configuration of the SABH-DVA is 
shown in Figure  2. It contains three parts: A uniform 

central plateau with a constant thickness h0 (from 0 to 
r1), an annular domain with a varying thickness (from r1 
to r2) and an annular platform with uniform thickness h1 
(from r2 to r3). The thickness variation along the radial 
direction is as follows:

where ε is the multiplier of the ABH curve, which deter-
mined by radius and maximum thickness, m is the power 
index of the ABH curve.

An annular damping layer of a constant thickness hd is 
bonded along its outer edge of the ABH-featured disk, 
as shown in Figure 2(b). The above disc is radially parti-
tioned through cutting a seam width d in the area except 
the center of ABH disk by mechanical cutting method. 
Since there are many partition schemes to choose, a DVA 
partitioned into three parts is taken as an example, as 
shown in Figure 2(c), abbreviated as P3ABH-DVA.

The P3ABH-DVA is attached to a host structure, exem-
plified by a rectangular plate, using either glue or a bolt, 
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




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Figure 3 Synthesized system containing a host plate and an add-on DVA device: (a) Synthesis system, (b) Finite element model
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as shown in Figure  3(a). As an add-on device, rather 
than an embedded indentation into the host structure, 
its inclusion does not jeopardize the stiffness or the 
mechanical strength of the host structure.

For numerical analyses, aluminum serves as the primary 
material for the PABH-DVA and the host structure, while 
butyl rubber serves as the damping substance. The dimen-
sion of the host structure measures 300 mm × 240 mm × 
6 mm in the present case, the total mass of the P3ABH-
DVA is set to 0.0521 kg, which is 4.45% of the host plate. 
The P3ABH-DVA is installed at a position 30 mm away 
from both sides of the plate, and this point is used as the 
origin of the coordinate system, as shown in Figure 3(a). 
The plate is excited by a transverse force of 1 N in ampli-
tude at a point with a coordinate of (220, 140) mm. It 
should be mentioned that the position of the installation 
is not optimized in this case. Because most of the modes 
of a plate with free boundaries have considerable vibra-
tion amplitude in the corners, it was decided to install 
close to one of the plate’s corners, so as to expect that the 
PABH-DVA can still couple with as many modes as possi-
ble within the given and broad frequency range. As shown 
in Ref. [30], the large vibration amplitude in the three 
degrees of freedom (one translational and two rotational) 
of the installation point warrants good coupling between 
the ABH-DVA and the host structure. The material and 
geometrical parameters of the host structure and those of 
the ABH-DVAs are listed in Tables 1 and 2, respectively.

Numerical simulations are performed using Abaqus to 
gain insights into the dynamics of the host structure, add-
on devices, and their synthetic systems. The host structure 

is represented using shell elements (S8R), while the add-
on DVA is modeled using 3D solid elements (C3D20R), 
as depicted in Figure 3(b). Refined grids are utilized in the 
margins of the P3ABH-DVA and SABH-DVA to ensure 
the accuracy of the numerical simulations. The mesh size 
is chosen to ensure a minimum of ten elements per wave-
length. For modal analysis, both the host structure and the 
synthetic systems are subjected to free boundary conditions. 
A rigid connection is applied over the installation interface, 
which refers to the central plateau of the add-on DVAs.

The driving point mobility vdp and mean velocity of the 
plate 〈vn〉 , normalized based on exciting force, with a ref-
erence value of 1 m·s−1·N−1, are defined to evaluate the 
vibration level of the plate, the mean velocity 〈vn〉 can be 
defined as:

where vn is the normal velocity of the plate and S is the 
whole vibrating surface. Using the logarithmic value of 
the normalized speed according to the excitation force as 
the vibration level.

2.2  Vibration Damping Performance of the P3ABH‑DVA
Figure  4(a) illustrates the driving point mobility of the 
uniform plate, along with the synthetic system incorpo-
rating both the P3ABH-DVA and SABH-DVA of equal 
size. It is evident that the addition of DVAs effectively 
suppresses structural vibrations in the system. Further-
more, the P3ABH-DVA exhibits a better performance 
than the SABH-DVA in terms of reducing specific peaks, 
particularly at frequencies of 218 Hz, 640 Hz, 967 Hz, 
and 1962 Hz. At these frequencies, attenuation levels 
of 10 dB, 19 dB, 15 dB, and 25 dB are achieved, respec-
tively. However, for most peaks, there is not a significant 
difference between the two DVAs. The mean velocity of 
the host plate follows a similar trend, as depicted in Fig-
ure 4(b). In other words, the P3ABH-DVA provides addi-
tional vibration reduction at certain frequencies that can 
also be addressed by the SABH-DVA.

Further inspection of the response curve suggests two 
main vibration suppression phenomena: The dynamic 
interaction (conventional DVA effect) evidenced by 
the typical peak splitting phenomenon; and damping 
enhancement (energy dissipation) as reflected by the 
reduction in some resonance peaks without splitting, in 
agreement with previous observations made in SABH-
DVA [29] and EABH-DVA cases [30].

Although both the previously proposed EABH-DVA 
and PABH-DVA can improve the selective coupling of the 
SABH-DVA, differences exist between them in terms of 
physical mechanism. The former changes the modal dis-
tribution without changing the effective modal mass and 

(2)�vn� =
1

S

∫

|vn|dS,

Table 1 Material parameters

Aluminum Damping

Young’s modulus (MPa) 70000 200

Poisson’s ratio 0.346 0.45

Density (kg·m−3) 2710 1850

Material loss factor 0.001 0.1

Table 2 Structural geometric parameters

Parameters (mm) Value

ε

m
r1
r2
r3
h0
h1
hd
r4
d

0.00112
2
5
55
61
3
0.2
2
30
1
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modal density, while the latter increases the modal den-
sity (to be confirmed in Section 3.1) by sacrificing a small 
amount of effective modal mass (to be confirmed in Sec-
tion 3.2) to achieve the above purpose. But in aggregate, the 
occurrence of the aforementioned phenomena would both 
rely on an effective dynamic coupling between the host 
structure and the add-on ABH-DVA, which calls for fur-
ther analyses in the later section.

2.3  Coupling Analyses through Coupling Coefficients
The coupling coefficients between the modes of the add-
on DVA and those of the host structure have been used to 
evaluate the coupling characteristics of the two coupled 
sub-structures [30]. For completeness and convenience of 
later usage, the formulation of the coupling coefficient is 
briefly recalled. The dynamic equation of each sub-discre-
tized system has the following form:

where MA, CA and KA are the mass, damping and stiff-
ness matrices for the add-on DVA, Ms, Cs and Ks are 

(3)MAẅA + CAẇA + KAwA = 0,

(4)Msẅs+Csẇs+K sws= F ,

those for the host structure; wA and ws are their corre-
sponding nodal displacements; F is the excitation force 
acting on the host structure.

Using the modal superposition method and normal-
izing according to the modal mass, Eqs. (3) and (4) can 
be written as the following form in the principal coor-
dinates as:

where I is a unit matrix, qA is the modal coordinate of 
the add-on DVA; [2ωAζA] is a diagonal matrix with its ith 
diagonal element equal to 2ωAiζA , where ωAi and ζA are 
the natural frequency and the modal damping ratio of the 
add-on DVA respectively. [ω2

A
] is also a diagonal matrix 

and its non-zero diagonal elements are ω2
Ai . Replac-

ing sub-index A by s, all quantities apply to the host 
structure.

According to the previous definition [30], the dis-
placement of the add-on DVA attached to the nth node 
of the host structure can be written as:

where ΦA is the modal shape matrix of the add-on DVA, 
{1} , Ry , Rx are NA×1 vectors, and their components are 
all equal to 1, y coordinate and x coordinate of the cor-
responding node, respectively. wsn , θnx and θny are the 
out-of-plane displacement and the two rotational angles, 
respectively.

Substituting Eq. (7) into Eq. (3) and utilizing Eqs. (5) 
and (6) give:

Obviously, the second term in the aforementioned 
equations determines the coupling between the add-on 
DVA and the host structure. According to Eqs. (8), (9), 
the coupling coefficient between the ith mode of the 
add-on DVA and the jth mode of the host structure, 
denoted by αij, can be defined as:

(5)I q̈A + [2ωAζA]q̇A +

[

ω2
A

]

qA = 0,

(6)I q̈s + [2ωsζs]q̇s +
[

ω2
s

]

qs = Fm,

(7)wA = ΦAqA + {1}wsn + Ryθnx + Rxθny,

(8)
I q̈A +Φ

T
AMA

(

{1}G1 + RyG2 + RxG3

)

Φsq̈s

+[2ωAζA]q̇A +

[

ω2
A

]

qA = 0,
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I q̈s +Φ

T
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where

Obviously, α(k)
i1 (k = 1, 2, 3) are the modal participation 

factors, related to the modal shapes of the add-on DVA. 
α
(k)
j2 (k = 1, 2, 3) are the position vectors, determined by 

the installation position of the host structure.
The coupling coefficients are calculated according to 

Eq. (10) and Eq. (11), and the results are presented in Fig-
ure 5. It can be observed that the P3ABH-DVA exhibits 
coupling with the host structure for the first 6 modes, 
whereas the SABH-DVA only shows coupling for the 
1st, 2nd, and 5th modes. Additionally, the coupling fre-
quency band of the P3ABH-DVA is broader than that of 
the SABH-DVA, spanning approximately 250 Hz to 1200 
Hz. This aligns with the more effective frequency band of 

(10)

αij = Φ
T
Ai

(

MA{1}G1 +MARyG2 +MARxG3

)

Φsj

= Φ
T
AiMA{1}G1Φsj +Φ

T
AiMARyG2Φsj +Φ

T
AiMARxG3Φsj

= α
(1)
i1 α

(1)
j2 + α

(2)
i1 α

(2)
j2 + α

(3)
i1 α

(3)
j2 ,

(11)

α
(1)
i1 = Φ

T
AiMA{1}, α

(2)
i1 = Φ

T
AiMARy, α

(3)
i1 = Φ

T
AiMARx ,

α
(1)
j2 = G1Φsj , α

(2)
j2 = G2Φsj , α

(3)
j2 = G3Φsj .

the P3ABH-DVA demonstrated in Figure  4. It is worth 
noting that the modal participation factor discussed in 
Section  3.2 provides a similar representation, but the 
coupling coefficient incorporates the influence of the 
installation position as an additional factor.

More coupled modes in the new PABH-DVA means 
that it gives a greater number of dynamic dampers to 
the host structure. However, although there are more 
coupled modes in the PABH-DVA than in the original 
SABH-DVA, most of the coupling coefficients in the 
PABH-DVA are smaller than those in the SABH-DVA. 
Moreover, the damping effect of a dynamic damper is not 
only determined by the coupling coefficients, but also by 
its frequency ratio and mass ratio. Hence, further analy-
sis of the mechanism for enhancing damping effect by the 
PABH-DVA is necessary.

3  Mechanism for Damping Effect Enhancement
3.1  Frequency Ratio
According to classical vibration theory, the frequency 
ratio between the mode of the DVA and the mode of the 
host structure plays a crucial role in achieving a good 
damping effect. When the damping effect is achieved, 
the original resonance peak of the structure splits into 
two, with the heights of these peaks depending on the 
damping ratio of the DVA. With a sufficiently high damp-
ing ratio, the two split peaks are effectively suppressed, 
resulting in excellent damping performance. The ideal 
frequency ratio is typically around 1. Deviations from 
this ratio lead to a deterioration in the damping effect. 
In the case of the ABH-DVA, each coupled mode acts as 
a DVA. Therefore, it becomes important to investigate 
the influence of the frequency ratio between the coupled 
mode of the ABH-DVA and that of the host structure on 
the damping effect.

Without loss of generality, the interaction between the 
ith mode in the add-on DVA and the jth mode in the host 
structure is considered by neglecting all the other modes. 
According to Eqs. (8) and (9), the equations of dynamic of 
the 2-DOF system become:

In the frequency domain, the equations can be 
expressed as:

(12)
{

q̈Ai + αij q̈sj + 2ωAiζAq̇Ai + ω2
AiqAi = 0,

q̈sj + αij q̈Ai + 2ωsjζsq̇sj + ω2
sjqsj = Fmj .

(13)

[

ω2
Ai − ω2

+ j2ζAωAiω −αijω
2

−αijω
2 ω2

sj − ω2
+ j2ζsωsjω

]

{

q̃Ai
q̃sj

}

=

{

0
Fmj

}

,

3

6

9

12

15

18

21

24

5 10 15 20 25 30 35 40 45 50

etalp 
mrofinu eht fo redro edo

M

Mode order of the SABH-DVA 

0.00

0.12

0.24

0.36

0.48

0.60
Coupling coefficients (αij) 

(a)

3

6

9

12

15

18

21

24

5 10 15 20 25 30 35 40 45 50 55 60

Coupling coefficients (αij) 

etalp 
mrofinu eht fo redro edo

M

Mode order of the P3ABH-DVA 

0.00

0.12

0.24

0.36

0.48

0.60

(b)

Figure 5 Modal coupling coefficients between the two types 
of add-on DVAs and the host structure within 3500 Hz: (a) SABH-DVA, 
(b) P3ABH-DVA



Page 7 of 15Zhao et al. Chinese Journal of Mechanical Engineering           (2024) 37:75  

where Fmj is the amplitude of the modal force and q̃Ai and 
q̃sj are the complex amplitudes of modal displacement of 
the ABH-DVA and the host structure, respectively.

Solution of Eq. (13) gives:

where

When the coupling coefficient αij = 0 , the ith mode 
in the DVA is not coupled with jth structural mode. The 
amplitude of the structural mode at ω = ωsj , at which the 
real part of the determinant Δ is zero, is usually defined 
as the resonance amplitude. When the resonance ampli-
tude is normalized with respect to the static displace-
ment δst , it can be expressed in the following form:

where δst = Fmj/ω
2
sj.

When αij  = 0 , the complex amplitude of the host struc-
ture is:

where βij = ωAi/ωsj is the frequency ratio and � = ω/ωsj 
is the normalized frequency.

The denominator in Eq. (17) is the dimensionless form 
of the determinant Δ. For convenience, the frequencies at 
which the real part of the denominator becomes zero are 
defined as the resonance frequencies. That is, the reso-
nance frequencies satisfy:

The two roots of Eq. (18) is denoted by �1 and �2 
( �1 > �2 ), respectively. Obviously, �k (k = 1, 2) are 
functions of the frequency ratio βij . The relationship 
between �k (k = 1, 2) and βij with αij as the parameter 
is shown in Figure 6(a). It is obvious that one of the two 
normalized resonance frequencies approaches 1 and the 
other approaches βij as βij deviates significantly from 
1. That is, one resonance frequency approaches ωsj and 
the other approaches ωAi . Additionally, it is worth not-
ing that a larger coupling coefficient allows for a greater 

(14)
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αijω
2

�
Fmj ,

q̃sj =
ω2
Ai − ω2

+ j2ζAωAiω

�
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(
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)(

ω2
sj − ω2

+ j2ζsωsjω
)

− α2ijω
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δst

∣

∣

∣

∣

=
1

2ζs
,

(17)

q̃sj =
β2ij −�2

+ j2ζAβij�
(

β2ij −�2 + j2ζAβij�
)

(

1−�2 + j2ζs�
)

− α2ij�
4
δst,

(18)

(

1− α2
ij

)

�4
−

(

β2
ij + 4ζAζsβij + 1

)

�2
+ β2

ij = 0.

tolerance in the coupling frequency. This means that even 
with slight deviations from the ideal frequency ratio, the 
damping effect can still be maintained effectively when 
the coupling coefficient is higher. The larger the coupling 
coefficient, the more robust the system becomes against 
variations in the coupling frequency. It indicates that the 
dynamic interaction between the two modes weakens as 
βij deviates from 1.

The normalized modal amplitudes of the structure at 
these two resonance frequencies are:

Obviously, the normalized modal amplitudes 
∣

∣

∣

q̃
(k)
sj

/

δst

∣

∣

∣

(k = 1, 2) are functions of βij . As an example, 
the damping ratios of ABH-DVA modes and structural 
modes are set to ζA = 0.1 and ζs = 0.001 , respectively. 
Variation of the normalized modal amplitudes as func-
tions of  βij with the coupling coefficient αij as the param-
eter is shown in Figure 6(b).

According to Figure  6(b), the normalized amplitude 
of the peak with lower frequency �2 increases with fre-
quency ratio βij , and that of the peak with higher fre-
quency degree �1 increases with βij . To achieve the best 
performance, the optimal βij should be located at the 
crossover point of the two amplitude curves. For α = 
0.1, the optimal value is about βij = 0.99 , and for α = 
0.2, the optimal value is about βij = 0.96 . When the fre-
quency ratio deviates from the optimal value by 10%, the 
amplitude at one of the peaks becomes almost twice. In 
order to achieve good damping performance, frequency 
matching with βij in the vicinity of the optimal value is 
very important. Indeed, the density of coupled modes of 
the ABH-DVA in the frequency domain plays a crucial 
role in enhancing damping performance. A higher modal 
density indicates a greater number of modes available for 
coupling between the DVA and the host structure. This 
increased modal density leads to a higher probability of 
modal coupling, facilitating efficient energy transfer and 
vibration suppression between the two systems. Conse-
quently, a higher modal density contributes to improved 
damping performance by enabling a broader range of 
modes to participate in the vibration reduction process.

In order to verify the above statement, the modal fre-
quencies of the P3ABH-DVA, SABH-DVA of equal size 
and the host plate in Figure  3 are calculated. The fre-
quency range up to 2000 Hz is illustrated in Figure  7. 
It can be seen that SABH-DVA has many symmetric 

(19)

∣

∣

∣

∣

∣

∣

q̃(k)sj
δst

∣

∣

∣

∣

∣

∣

=

√

(

β2
ij −�2

k

)2
+

(

2ζAβij�k
)2

∣

∣

∣

2ζs�k

(

β2
ij −�2

k

)

+ 2ζAβij�k
(

1−�2
k
)

∣

∣

∣

,

(k = 1, 2).
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modes, but few modes can be coupled with the host 
structure, and the overall mode density and coupled 
mode density of P3ABH-DVA are significantly higher 
than that of SABH-DVA, especially during 200−400 Hz 
and 1000−1200 Hz intervals, which also explains that 
the response of the system with P3ABH-DVA in Figure 4 
is lower than that of the system with SABH-DVA in the 
above frequency band.

The damping increase brought up by DVAs to the sys-
tem can also be seen from the response curve (Figure 4). 
Extracting the typical peaks within 3500 Hz of the three 
response curves, keeping the same number of peaks of 
the three curves, the damping of each peak is obtained by 
simulation and shown in Figure 8. It is obvious that the 
system with P3ABH-DVA has higher damping ratio and 
lower response than that with SABH-DVA, as a result of 
the increase in the coupling caused by the expansion of 
frequency ratio. In fact, the change of effective mass dis-
tribution is also an indispensable account, which will be 
explained in Section 3.2.

3.2  Mass Effect of DVAs
The mass ratio is another influencing factor of vibration 
reduction effect. However, it is difficult to understand 

the mass effect directly from Eq. (12) because it has been 
normalized with respect to modal mass. Instead, the 
effective modal mass is considered [33]. It is obvious that 
the two substructures are coupled through the reacting 
forces related to the three degrees of freedom (DOFs) at 
the installation point, which are wsn , θnx and θny , respec-
tively. The modal mass participation factors of the ith 
ABH-DVA mode related to the three interface DOFs are 
α
(k)
i1 (k = 1, 2, 3), respectively. The effective modal masses 

are the square of the modal mass participation factors 
[33]:

The above expression indicates that the coupling coef-
ficient has included the information of effective modal 
mass of the ABH-DVA.

The effective modal mass proportion (EMMP) of the 
ith mode is defined as:

and the cumulative effective modal mass proportion 
(CEMMP) below a given frequency f is defined as:

As a numerical example, the EMMPs, R(k)
i  , of the SABH-

DVA and P3ABH-DVA in the frequency range below 1500 
Hz are shown in Figures 9(a) and (c). The SABH-DVA con-
tains 22 modes and the P3ABH-DVA has 30 modes in the 
frequency range below 2000 Hz. Obviously, each coupled 
mode of the P3ABH-DVA has smaller EMMP than that of 
the SABH-DVA, but the P3ABH-DVA has a larger number 

(20)M
(k)
i =

(

α
(k)
i1

)2
(k = 1, 2, 3).

(21)R
(k)
i =

M
(k)
i

∞
∑

i=1

M
(k)
i

(k = 1, 2, 3),

(22)R̂
(k)
if =

fi≤f
∑

i=1

M
(k)
i

∞
∑

i=1

M
(k)
i

(k = 1, 2, 3).

Figure 6 Influence of modal frequency ratio on excitation frequency 
ratio and normalized amplitude: (a) Variation of the normalized 
frequency with frequency ratio, (b) Variation of the normalized 
amplitude with frequency ratio
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of modes interacting with the host structure than SABH-
DVA. The smaller EMMP of the P3ABH-DVA modes 
can be attributed to the fact that different partitions can 
vibrate almost independently in the P3ABH-DVA. More 
interacting modes in the P3ABH-DVA can be attributed to 
the loss of symmetry in its geometry.

Variations of the cumulative effective modal mass pro-
portion (CEMMP), R̂(k)

if  , of the SABH-DVA and P3ABH-
DVA in the frequency range below 10 kHz are shown in 
Figures 9(b) and (d). It is obvious that although the EMMP 
of P3ABH-DVA is smaller than that of the SABH-DVA, 
but its CEMMP is not small, and in some frequency 
ranges, slightly larger than the SABH-DVA. It means that 
the effective mass is hardly reduced due to partition the 
SABH-DVA into three parts in the P3ABH-DVA. On the 
other hand, more coupled modes in a given frequency 
range lead to higher modal density and easier frequency 
matching between the modes of the P3ABH-DVA and 
those of SABH-DVA.

Based on the above analysis, it is clear that cutting the 
ABH-DVA into some parts can increase the density of 
coupled modes and improve the damping effect on more 
modes of the host structure. Although the 1st, 2nd and 
5th modes of the SABH-DVA have very high effective 
modal mass proportion and they are strongly coupled with 
most of the modes of the host structure as shown in Fig-
ure 5(a), they are only effective for the modes of the host 

structure below 500 Hz due to the influence frequency 
ratio. The next strongly coupled modes of the SABH-DVA 
are the 16th, 17th and 18th modes and the frequency gap 
is 869.62 Hz, from 304.28 Hz of the 5th to 1173.9 Hz of 
the 16th mode. The frequency gap for the P3ABH-DVA is 
688.14 Hz, from 320.76 Hz of the 7th mode to 1008.9 Hz 
of the 17th mode, as shown in Figure 5(b). The 11th, 12th 
and 13th modes of P3ABH-DVA are also weakly coupled. 
Therefore, the mode of the host structure at 1015.9 Hz can 
be effectively reduced by the P3ABH-DVA.

4  Other Influencing Factors
Since the analysis in the above section indicates that the 
damping performance can be improved by partitioning 
the ABH-DVA into several parts, it is necessary to dis-
cuss the influence of the number of slits and the orienta-
tion of the partitions.

4.1  Influence of the Number of Slits
As an example, PABH-DVAs of the same size with four 
and five slits are considered in this section. The parti-
tion schemes in these two PABH-DVAs are shown in 
Figure  10, and the host structure is the same as that in 
Section  2.1, maintaining the same installation position, 
external excitation, material parameters, etc.
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The driving point mobility and mean velocity of syn-
thesized system with different add-on DVAs within 2000 
Hz are shown in Figure  11. It can be seen that the DVA 
with different number of slits can produce better vibra-
tion suppression effect than SABH-DVA, and the specific 
frequency of each type of DVA is different. This can be 
explained from the mechanism of vibration reduction.

Without loss of generality, the function of the ith mode 
of the add-on structure in a polar coordinate can be 
expressed as φAi(r, θ) . The factor α(k)

i1  ( k = 1, 2, 3 ) in Eq. 
(11) can be converted into the following form in the con-
tinuous space as [33]:

In the symmetrical ABH-DVA, r and θ in φAi(r, θ) are 
separable and the mode with a radial order m and a cir-
cumferential order n is denoted by RmCn, whose modal 
function writes:

When the axisymmetry of the device is destroyed in 
the PABH-DVA, φAi(r, θ) becomes more complex and 
the r and θ are not separable anymore. Therefore, theo-
retically α(1)

i1  , α(2)
i1  and α(3)

i1  in Eq. (23) do not become zero 
for any mode number i.

This new configuration preserves the ABH profile in 
the radial direction alongside a continuous variation 
along circumferential direction and breaks the axisym-
metry of the original DVA design at the same time. The 
targeted outcome is a compact and light-weight device 
with enriched ABH features and enhanced coupling 
with a host structure onto which it is surface-mounted 
to achieve broadband vibration suppressions without a 
complex tuning procedure.

4.2  Influence of Installation Angle
In order to investigate the influence of installation angle, 
a 65° partition from the P3ABH-DVA is considered. Two 
cases (I and II), 180° different, are shown in Figure  12. 
The mobility of the two cases are shown in Figure 13.

It is obvious from Figure  13 that Case II has a bet-
ter vibration suppression effect than Case I, especially 
at 267 Hz, 653 Hz and 1015 Hz in the lower frequency 
range, while the damping effect of the two cases being 
almost the same at higher frequency range. The rea-
son is that the coupling coefficient is different in the 
two cases. According to Eq. (14), the damping effect of 
ABH-DVAs depends on the coupling coefficient, which 
is expressed as the product of α(k)

i1 (k = 1, 2, 3) and α(k)
j2 (k 

= 1, 2, 3), as shown in Eqs. (10) and (11). As discussed 
above, α(k)

i1 (k = 1, 2, 3) contains the modal informa-
tion of the ABH-DVA and α(k)

j2 (k = 1, 2, 3) depends on 
the installation position of the ABH-DVA on the host 
structure.

In order to explain the observed differences of damp-
ing effect in relation to the installation angle, the cor-
responding coupling coefficients are considered. The 
only difference in Case I and Case II is that the ABH 

(23)

α
(1)
i1 = Φ

T
AiMA{1} =

∫∫

φAi(r, θ)ρh(r)rdrdθ ,

α
(2)
i1 = Φ

T
AiMARy =

∫∫

φAi(r, θ)yρh(r)rdrdθ ,

α
(3)
i1 = Φ

T
AiMARx =

∫∫

φAi(r, θ)xρh(r)rdrdθ .

(24)φAi(r, θ) = φ′

Ai(r) cos (nθ + θ0).
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Figure 10 Other partitioned DVA schemes
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has been rotated by 180°. It means that there exist 
φI
Ai(r, θ) = φII

Ai(r, θ + π) and hI(r, θ) = hII(r, θ + π) , in 
which φI

Ai(r, θ) and φII
Ai(r, θ) are the modal functions of 

the DVAs in Case I and Case II, respectively, and hI(r, θ) 
and hII(r, θ) are the thickness of the two DVAs. α(k)

j2 (k = 
1, 2, 3) are the same for the two cases because they have 
the same installation position. As shown in Ref. [30], 
α
(1)
i1  of Eq. (11) in an equivalent continuous system can 

be written as:

where α(1)(I)
i1  and α(1)(II)

i1  are the coefficients of Case I and 
Case II, α(2)

i1  can be written as:

(25)

α
(1)(II)
i1 =

R
∫

0

2π
∫

0

φII
Ai(r, θ)ρh

II(r, θ)rdrdθ

=

R
∫

0

π
∫

−π

φII
Ai(r, θ + π)ρhII(r, θ + π)rdrdθ

=

R
∫

0

2π
∫

0

φI
Ai(r, θ)ρh

I(r)rdrdθ = α
(1)(I)
i1 ,

Similarly, there exists:

The above results indicate:

The damping of the first two structural modes of the 
host structure is considered. Their respective frequen-
cies are 267.41 Hz and 345.41 Hz, and their modal 
shapes are shown in Figures  14(a) and (b). The corre-
sponding natural frequencies of the 65°-partition DVA 
are 228.86 Hz and 320.23 Hz and their modal shapes 
are shown in Figures  14(c)−(f ). Obviously, there exists 
φI
Ai(r, θ) = φII

Ai(r, θ + π) for the modal shape of the par-
titioned DVAs in two cases. The frequency ratios are 
β11 = 0.856 and β22 = 0.927 , respectively.

The three terms on the right side of Eq. (28), 
α
(k)
ij = α

(k)
i1 α

(k)
j2 (k = 1, 2, 3) , are calculated and their val-

ues for the two cases are shown in Table 3. For the inter-
action between the 1st structural mode and 1st DVA 
mode, their coupling coefficients are α(I)

11 = 0.0593 and 
α
(II)
11 = 0.1945 , respectively for Case I and Case II. Appar-

ently, Case II has a larger coupling coefficient than Case I 
due to the cancellation of different terms in Eq. (28) and 
Eq. (29) for Case I. The first two peaks in the coupled sys-
tem are ω2=219.09 Hz and ω1=276.21 Hz. This can also 
explain that the dynamic vibration absorption effect of 
Case II is much better than Case I. Since β11 = 0.856 is 
significantly smaller than its optimal value (more than 
10%), there exist �2 = 0.819 ≈ β11 and �1 = 1.045 ≈ 1 , 
which is in agreement with the result in Figure 6(a). Fig-
ure  13 shows that the peak at ω1=267.86 Hz is less sig-
nificantly reduced, which also agrees with the result 
in Figure  6(b). Since α(II)

11 > α
(I)
11 , the peak at ω1 of Case 

II is smaller than that of Case I, which is also consistent 
with Figure  6(b). This also indicates that the installa-
tion angle can also influence the damping performance. 
For the modes at 267 Hz, 653 Hz and 1015 Hz shown 

(26)

α
(2)(II)
i1 =

R
∫

0

2π
∫

0

φII
Ai(r, θ)ρh

II(r, θ)r2sinθdrdθ

=

R
∫

0

π
∫

−π
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Ai(r, θ + π)ρhII(r, θ + π)r2sin(θ + π)drdθ

= −

R
∫

0

2π
∫

0

φI
Ai(r, θ)ρh

I(r)r2sinθdrdθ = −α
(2)(I)
i1 .

(27)α
(3)(II)
i1 = −α

(3)(I)
i1 .
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ij = α
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i1 α
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j2 + α
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i1 α
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j2 + α
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Figure 12 Different installation angle schemes of DVA

0 500 1000 1500 2000
-100

-90
-80
-70
-60
-50
-40
-30
-20
-10

0

)Bd(
ytilibo

M

Frequency (Hz)

Uniform plate

Case 1#

Case 2#

Figure 13 Driving point mobility of the host plate with different 
installation angle DVAs



Page 12 of 15Zhao et al. Chinese Journal of Mechanical Engineering           (2024) 37:75 

in Figure  13, Case II yields better vibration suppression 
effect than Case I.

For the interaction between the 2nd structural 
mode and 2nd DVA mode, there exist α(I)

22 = −0.0262 
and α(II)

22 = 0.0262 . Since the coupling coefficient αij 
appears in the determinant Δ (Eq. (15)) in the squared 
form, its sign does affect the damping performance. 
Since β22 = 0.927 and 

∣

∣α22

∣

∣ = 0.0262 are both rela-
tively small, ω1=347.53 Hz and �1 = 1.006 ≈ 1 . The 
small value of 

∣

∣α22

∣

∣ = 0.0262 indicates a weak inter-
action between the host structure and the DVA. The 
weak interaction leads to the result that the peak at 
ω1=347.53 Hz is only slightly reduced and the other 
peak is not clearly visible in the frequency response 
curve in Figure 13.

5  Experimental Verifications
Experiments were carried out to verify the above broad-
band vibration suppression phenomenon. The DVAs and 
the host plate utilized for comparison were produced 
by aluminum using computer numerical control (CNC) 
milling. The add-on DVAs were attached onto the host 
structure using a standard 5 mm screw, as shown in Fig-
ure 15, the size and damping substance were identical to 
those of the simulations mentioned above.

Figure  16 shows the experimental setup. An electro-
magnetic shaker (B&K 4809), driven by a power amplifier 
(B&K 2718), was used to generate a periodic chirp force 
from 10 Hz to 3500 Hz to excite the plate at the position 
in the above simulation. The free boundary condition in 
the experiment was achieved by suspending the plate to 
a rigid frame using two elastic strings. A Polytec™ Laser 
Scanning Vibrometer (PSV 500) was used to perform the 
response measurement.

The driving point mobility and the mean velocity of the 
host structure and synthetic systems were measured up 
to 3500 Hz and the results are shown in Figure 17. The 
response curves of the two DVAs basically reflects the 
two main vibration suppression mechanisms of conven-
tional DVA effect (about 260 Hz) and energy dissipa-
tion (about 600 Hz). Besides, it can be observed that the 
P3ABH-DVA generally leads to the best control perfor-
mance, in terms of both resonant peak attenuation and 
broadband vibration reduction, such as 259 Hz, 1020 
Hz and 2204 Hz, there are 21 dB, 8 dB and 7 dB attenua-
tion respectively. As demonstrated in numerical simula-
tions, this is owing to the partitioned DVA changes the 
effective mass distribution by sacrificing a small amount 
of effective modal mass, brings more modal frequen-
cies and increases the coupling opportunities with the 
host plate. The coupling coefficients in some specific fre-
quency bands is also increases, collectively contributes to 
a broadband vibration reduction of the system. Although 
there are some inevitable errors in the experiment, the 
overall trend is consistent with the above simulation.

In addition, the partitioned DVA still maintains some 
basic characteristics of the symmetrical DVA, it cannot 
guarantee that all frequency bands can achieve excellent 
vibration reduction effect. This has also been confirmed 
in the simulation. If multi-band vibration reduction is 
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Table 3 Coupling sequences and coupling coefficients at 
different installation angles

Coupling 
sequence

i j α
(1)

ij
= α

(1)

i1
α
(1)

j2
α
(2)

ij
= α

(2)

i1
α
(2)

j2
α
(3)

ij
= α

(3)

i2
α
(3)

j2

Case I
(Fig-
ures 14(c), (a))

1 1 0.1269 −0.0332 −0.0344

Case II
(Fig-
ures 14(d), (a))

0.1269 0.0332 0.0344

Case I
(Fig-
ures 14(e), (b))

2 2 0 −0.0082 −0.0180

Case II
(Fig-
ures 14(f ), (b))

0 0.0082 0.0180

Figure 15 Experimental object of SABH-DVA and P3ABH-DVA
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required, the deficiency at some specific frequencies can 
be alleviated by adjusting the slits, increasing the number 
of DVAs or adopting other ways to break the symmetry.

6  Conclusions
This paper proposes a partitioned ABH-based dynamic 
vibration absorber (abbreviated as PABH-DVA), as an 
auxiliary add-on device for the vibration reduction in a 

controlled structure. The proposed configuration retains 
the basic ABH profile, thus preserving the energy focali-
zation ability in each cut segment of the disc. The main 
conclusions are drawn as follows.

(1) The new PABH-DVA yields better damping per-
forming than the original symmetric ABH-DVA. 
The underlying mechanism of this phenomenon 
roots in the frequency relationship between the two 
structures (frequency ratio) and the modal partici-
pation factor (mass ratio).

(2) The proposed PABH-DVA improves the coupling 
characteristics with the host structure by changing 
the frequency ratio. It increases its modal density 
by cutting slits to improve the chance of coupling 
with the vibration modes of the host structure, so as 
to improve the vibration suppression performance. 
The slit position of the add-on DVA does not show 
much influence thus needing no particular optimi-
zation, which is an advantage of the PABH-DVA.

(3) The proposed PABH-DVA improves the coupling 
characteristics with the host structure by enriching 
the mass ratio. Although each of the coupled modes 
of PABH-DVA has a smaller effective modal mass 
proportion than SABH-DVA, the number of modes 
that PABH-DVA interacts with the host structure is 
greater than that of SABH-DVA. The total cumula-
tive effective modal mass proportion is not small 
and is slightly larger than SABH-DVA in some fre-
quency ranges. Theoretically, increasing the num-
ber of slits is beneficial to frequency matching, but 
it also sacrifices the modal effective mass. There-
fore, although the number or position of slots does 
not need to be precisely designed, a certain trade-
off needs to be made in light of the characteristics 
of the structure to be controlled.

(4) Other influencing factors, the installation angles 
have also been considered. Different installation 

Figure 16 Experimental test set-up
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Figure 17 Experimentally measured vibration responses of the host 
plate without and with different DVAs: (a) Driving point mobility, (b) 
Mean velocity of plate surface
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angles can cause differences in some specific peaks. 
Therefore, ensuring that the coupling coefficients in 
three directions to play a positive role is important 
when considering the installation angle.

All in all, this study details and reveals the coupling 
mechanism between the DVA and the host structure. The 
study is expected to generate new impetus for the explo-
ration of practical engineering application of ABH-based 
technology.
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