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Abstract

The indirect evaporative cooler (IEC), regarded as a low-carbon cooling device, was proposed as
fresh air pre-cooling and heat recovery device in the air-conditioning system to break the region
limitation of application in hot and humid areas. In this hybrid system, the exhausted air with low
temperature and humidity from air-conditioned space is used as secondary air to cool the inlet
fresh air. As the dew point temperature of the fresh air is high, condensation may occur in the dry
channels. However, the modeling of IEC with condensation has been seldom studied and
corresponding parameter study is also lacking. So the paper established a new numerical model
taking the condensation from primary air into consideration. The model was validated by the
published data from literatures with good agreement. Nine parameters were analyzed in detail
under three operation states (non-condensation, partially condensation and totally condensation)
using four evaluation indexes: condensation ratio, wet-bulb efficiency, enlargement coefficient
and total heat transfer rate. The results show that the condensation lowers the wet-bulb efficiency
of IEC but improves the total heat transfer rate due to dehumidification.
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1. Introduction

Indirect evaporative cooler (IEC) is an energy efficient and environmental friendly cooling
device which uses water evaporation to produce cooling air. It receives increasingly attention in
the field of building energy conservation for its high efficient, good comfort, pollution-free and
easy maintenance features [1~5]. The most commonly used plate-type IEC consists of alternative
wet and dry channels which are separated by thin plates [6]. In the wet channels, the spraying
water drops form a thin water film on the plate surface and consistently evaporates into the main
stream of the secondary air. The primary air in the adjacent dry channels is cooled down by the
low temperature wall without adding moisture. In normal practice, the outdoor fresh air is used

for both primary air and secondary air.

Because the air with lower humidity can provide larger evaporation driving force and cooling
capacity, the IEC has been widely adopted in hot and dry regions for directly supplying the
cooled primary air [7~9]. Its thermal performances influenced by various operation conditions
were investigated [10]. Under such weather conditions, the primary air is only sensibly cooled.
The IEC’s performances under diverse climate regions were also investigated and proved that its
ability to diminish annual cooling degree-days is practically ubiquitous in all territory [11].
However, in hot and humid regions, the supply air temperature of the IEC is limited to the high
ambient wet-bulb temperature [12], so the device can’t be used independently. Correspondingly,
the modeling of IEC with only sensible heat transfer in the primary air channels has been

fundamentally investigated.

In general, the modeling methods can be classified into analytical approach and numerical
approach. For analytical approach, Maclaine-cross and Banks [13] proposed a linear approximate
model of wet surface heat exchangers by analogizing with dry surface heat exchangers. Erens
and Dreyer [14] made a comparison among Poppe model, Merkel model and simplified model.
Alonso [15] developed a more user-friendly simplified model by introducing an equivalent water
temperature. Ren [16] developed an analytical model for IEC with parallel/counter flow
configurations considering variable Lewis factor and surface wettability. The modified e-NTU

method is a simplified method for IEC modeling by redefining some parameters and assuming a



linear saturation temperature-enthalpy relation of air [17~19]. Kim developed a practical
correlation for IEC based on &-NTU method [20]. The analysis of the heat and mass transfer

process of IEC based on exergy theory was also conducted [21].

For numerical approach, the thermal performances of IEC under a wide variety of inlet air
conditions, construction type and flow patterns have been investigated by laying different
focuses on the evaporation water loss, water film temperature variation, wall longitudinal heat
conduction and variable Lewis factor [22~28]. For experimental research, five kinds of heat and
mass exchanging materials were selected for comparative experimental study in IEC systems
[29]. A two-stage evaporative cooling system with higher cooling ability was tested and
evaluated [30,31]. The performances of IEC and heat exchanger in summer and winter operation

were theoretical analysis and measured [32].

In recent years, some novel hybrid evaporative cooling systems were proposed for promoting the
‘green cooling technology’ to more regions [33~37], of which a hybrid air-conditioning system
consisting of an IEC and mechanical cooling came into being for using in hot and humid regions.
The IEC, installed before an air handling unit (AHU), is used to pre-cool the incoming fresh air
for energy conservation of the air-conditioning system [38]. In this system, the cool and dry
exhaust air with much lower wet-bulb temperature from air-conditioned space is used as
secondary air for enhancing the cooling effect. However, owing to the high dew point
temperature of the fresh air in humid areas, condensation probably occurs, which results in not
only sensible cooling but also dehumidification effect. The simultaneous heat and mass transfer
process in the primary air channel is much more complicated and will greatly affect the IEC

performance.

In respect of research on hybrid evaporative cooling system, an experimental study was
conducted to investigate the energy saving potential of IEC as a pre-cooling unit combined with
PUA (packaged unit air-condition) in Iran [39]. Numerical analysis was conducted to the IEC
combined with a cooling/reheating unit [40]. Financial feasibility of a hybrid-mode operation of

a direct evaporative cooler (DEC) with an air conditioning unit was studied [41]. These studies



prove that the energy saving and economic benefit are optimistic and attractive for the hybrid

cooling system, but condensation case has not been taken into consideration.

It can be observed that the modeling of IEC with condensation from primary air has seldom been
reported by previous studies. Besides, a comprehensive parameter study of IEC under
condensation state is also lacking. Therefore, an IEC model considering condensation and a
comprehensive parameter study are needed for better predicting the performance and
optimization of the hybrid cooling system. The comparison between some representative IEC

parameter studies and present study is listed in Table 1.



Table 1 Comparison with other parameter studies
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To make up the research gap, a novel numerical model considering condensation from primary
air was established. The model was validated by the published data from the literatures. Then, a
comprehensive parameter study was conducted with the established numerical model. The effect
of nine parameters (including temperature and humidity of primary air and secondary air,
channel gap, wettability and cooler height) were analyzed in detail under three operation states
(non-condensation, partial condensation and total condensation) by four proposed evaluation
indexes( condensation ratio, wet-bulb efficiency, enlargement coefficient and total heat transfer
rate). The study results can provide references for evaluation of the hybrid cooling system and

optimization of the IEC applied in hot and humid regions.

Nomenclatures

A heat transfer area, m? de hydraulic diameter of channel, m
B barometric pressure, Pa h heat transfer coefficient, W/m? £C
H cooler height, m hm mass transfer coefficient, kg/m? s
L cooler length, m hg latent heat of vaporization of water, J/kg
P water vapor pressure, Pa i enthalpy of air, J/kg

R condensation ratio m mass flow rate, kg/s

T thermodynamic temperature, K n number of channels

Pr Prandtl number q total heat transfer rate per unit mass, kW/kg

NTU number of heat transfer unit S channel gap, m
Cpa specific heat of air, J/kg <C t Celsius temperature, °C
Cow specific heat of water, J/kg ©C u air velocity, m/s
Greek symbols

w moisture content of air, kg/kg H dynamic viscosity, Pa s

o wettability v kinematic viscosity, m?/s

n wet-bulb effectiveness A thermal conductivity, W/m °C
& enlargement coefficient

Subscripts

c condensation cw condensate water

e evaporation ew evaporation water

p primary/fresh air gb saturation vapor pressure

S secondary air whb wet-bulb temperature

w wall sat saturated humidity




2. Three condensation states of IEC

When an IEC hybrid cooling system is applied in hot and humid regions, the humidity of the
primary air is high and the wet-bulb temperature of the secondary air from air-conditioned space
is low. So condensation will occur at the place where the plate surface temperature is lower than
the dew point temperature of the primary air. According to different inlet air conditions, three
possible operation states of IEC can be identified, which are total condensation, partial
condensation and non-condensation, as shown in Fig.1. Non-condensation state occurs when the
inlet primary air is dry and the dew point temperature is always lower than the plate surface
temperature. Total condensation state occurs when the inlet primary air is very humid so that the
dew point temperature is higher than the plate surface temperature at the starting point of the
inlet air side. In the partial condensation state, the condensation is not taking place until the plate
surface temperature is equal to the dew point temperature of the air.
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Fig.1 Three condensation states of IEC



3. Modeling of IEC considering condensation

The following part presents a new model of IEC considering the condensation from primary air.
The model is based on the following assumptions: 1) Air flows are fully developed and thermal
properties of the air and water are constant; 2) The unit is adiabatic, i.e., there is no heat transfer
to the surroundings; 3) Both the water film and wall are very thin so the thermal resistances are
negligible; 4) Heat and mass are only transferred vertically across the separated plate; 5) The
water film is continuously replenished at the same temperature and the condensate water
temperature is equal to the dew point temperature of primary air; 6) Lewis number is unity in

both evaporation and condensation surface.

The heat balance of the secondary air is calculated as:

h,(t, —t,)dA=c_m.dt, @

The mass balance of the secondary air is calculated as:

h (@, —@,)d(cA) =mdao, )

If the local plate surface temperature is higher than dew point temperature of primary air,

e, t, >t

sew,p+ ONIY sensible heat exchange will take place in the primary air channels. The heat
balance equation of the primary air, mass balance of evaporation water film and energy balance
equation of the control volume are calculated as Equation (3) to (5), respectively.

h,(t, —t,)dA=c_m_dt (3)

dm, =m.dam, (4)

m.di; —c,,m dt, =d(c,,t,m.) (5)

If the local plate surface temperature is lower than dew point temperature of primary air,

e,t, <t the condensation will take place and the moisture is released from the primary air

dew,p !
to the plate surface. The heat and mass balance equation of the primary air, mass balance of
evaporation water film and condensate water film, as well as the energy balance equation of the
control volume are calculated as Equation (6) to (10), respectively.

h,(t, —t,)dA=c_m_dt (6)

h,, (@, = )dA=m do, (7



dm =m.dam, (8)
dm, =-m_da, (9)
m,di, —m_ di, =d(C,,t,,M,)+d(C,te,M,) (10)

pwtew pwtcw

In sum, the Equation (1) ~ (5) form the enclosed governing equations of IEC without considering
condensation from primary air; while the Equation (1) ~ (2) and Equation (6) ~ (10) form the
enclosed governing equations of IEC with condensation from primary air. In the model, the
moisture content of saturated air at plate surface temperature was simplified as a linear function

of plate surface temperature, i.e., @ =at, +b (kg/kg). By fitting the exact solutions of moisture

content of saturated air as Equation (11) and (12), the constants a and b in the above simplified
linear function were set as 0.0012 and -0.0107, respectively, for the temperature range of 20°C to

30°C.

In(qu):_liiJra2 +a,T, +a,T,” +aT,’ +a,In(T,) (1)
qu
@, = 0.622 B P (12)
gb
where,

a, =-5800.2206,a, =1.3914993, a, = -0.048640239, a, = 0.41764768x10~*,a, = —0.14452093x10~,
a, =6.5459673

In the governing equations of IEC without condensation, we substitute Equation (1) ~ (4) into

Equation (5) by adopting the enthalpy calculation equation for moisture air i=ct+h, o, and

then re-arrange the equation, the plate surface temperature under non-condensation state can be

obtained:

t, = Cltp +C,m, +Ct, +C, (13)
Where,

Cl h, - (he —Cputen)Nnso

“h+h +oah (h,—c,t.) | 2 h+h +oah (h, —c,t.,)
h _ (prtew - hfg )thbO'

S

= , Cc, =
hs + hp + Gahms (hfg _prtew) ’ hs + hp + O-ahms (hfg - prtew)

Cs



In the governing equations of IEC with condensation, we substitute Equation (1) ~ (2) and (6) ~
(9) into Equation (10) and re-arrange the equation, the plate surface temperature under
condensation state can be obtained:

t, =Cl, +C,o, +C;t, + G, +Cy (14)
where,
h h.h_—c t h h
p fg" 'mp pwew' ‘mp
c=h, +h, +ahy (ohy, +hyp) =80, (oM HaN ) &= 1 € = - o=

Mgt =T talhe D8y (el + o) =B (B )

fg' 'ms pwew' ‘ms ew' 'ms cw' 'mp

8 c v 9 c

The heat and mass transfer coefficients were estimated as follows. As the channel gap of the IEC
is very small and the air velocity is usually less than 5m/s for ensuring efficient heat transfer, the
air flow can be regarded as laminar flow in the IEC device. The distance required for the laminar
fully developed flow can be estimated by L/de=0.05*(Re*Pr) [45]. In usual application, the
typical air velocity is about 2m/s and channel gap is no more than 5mm. So the calculated
thermal entry length for fully developed flow is 0.4m, which is smaller than the commonly used
IEC in the market. As a result, the thermal effect can be regarded as fully developed. The
equation for calculating the heat transfer coefficient for the fully developed laminar flow in the
parallel primary air channel and secondary air channel are:

0.8
u
0.023[*’] Prid. 2,

v, (15)
hp = d 0.2
0.8
o.ozs(“sj Pro? .,
h = v, (16)
s d 0.2

The mass transfer coefficient (hmp, hms) can be obtained accordingly by adopting the analogy law
betweenheat and mass transfer, i.e., the Lewis relationship is satisfied and regarded as unity in

air-water interaction surfaces [46~48]. So the mass transfer coefficients are:



hop =575 & — (17)
p 2/3
C, Lep C,
h h
h — S ~_3
ms Cp Le52/3 Cp (18)

Different types of number of heat transfer units (NTU) and dimensionless height (x*) of IEC can

be defined as follows:

h, A

h, A Moo A
NTU, =——, NTU_ =——, NTU, = nA

, NTU =
m,Cpa m, MC,, s

, NTU, = A, NTU_ = Ah,_,

ms !

The above governing equations can be re-written in standard ordinary differential equations as
Equation (19) to (24). Then, the differential term is discretized into algebraic form by finite
difference method (FDM) and numerical simulation results at each discrete node can be obtained
by solving a set of algebraic equations simultaneously. The corresponding wall temperature
under non-condensation state and condensation state at each discrete node can be calculated by

Equation (13) and Equation (14), respectively.

X _NTUL 1, -t,) (19)
dx
do

> =0'NTUmS(60t —a)s) (20)
dx w
dtp
= NTU, (t, —t,) (1)
da)p .
v NTU,, (0, -, ) (ifo, >, ) (22)
dm

= =0NTU, (o, —o,) (23)
dx w
dm, it
> :—NTUc(a)p —a)tw) (i , > a)tw) (24)

The boundary conditions for the above governing equations are:



X =1t =t

X =lo,=0,,

X =0t =t
X =00, =0,
X =1,m, =0

X =Lm,=m,,

The simulation flow chart for solving the governing equations is shown as Fig.2.
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Fig.2 Simulation flow chart for solving the IEC model

To solve the one-dimensional governing equations numerically, the height of the IEC was
divided into a series of continuous elements. The grid independency of the developed model has
been checked with different mesh sizes from 10 to 250. The optimal number of domain elements

was determined by increasing elements until the outlet primary air temperature and moisture




content remains steady. As shown in Fig.3, 100 elements were selected as a compromise

between the calculation accuracy and time expense.
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Fig.3 Outlet parameters under different element quantity

The wet-bulb effectiveness is usually used as an evaluation metric for rating an IEC. It is a
parameter describing the extent of the approach of the outlet primary air temperature against the
wet-bulb temperature of the inlet secondary air, and expressed as [49]:

t ., —t

T = L (25)

pin ~ ‘wbs
The wet-bulb effectiveness can only describe the ability of IEC in handling sensible heat.
However, under the condensation condition, other evaluation indexes are needed for evaluating
the IEC ability in handling latent heat. Therefore, three other indexes were introduced for
comprehensively evaluating the IEC performance, including condensation ratio Rcon,

enlargement coefficient £ and total heat transfer rate Qyot.



The condensation ratio Reon is defined as the proportion of condensation area to the total heat
exchanger area as Equation (26). The condensation ratio is 0 when there is no condensation from
primary air and it is 1 when condensation takes place at the entire separated wall. The

condensation ratio varies from 0 to 1 under partial condensation.

R —lton 26
con A ( )

The enlargement coefficient ¢ is introduced for evaluating the enlarged heat transfer rate
associated with condensation. As shown in Equation (27), it is calculated as the total heat
transfer rate divided by the sensible heat transfer rate. Under the non-condensation state, the
enlargement coefficient equals 1.

Qe CpaMy (i~ o) +hy My (@, — @) )
Q| Coa My~ (0~ L)

g

(27)

The total heat transfer rate per unit mass q (kW/kg) is an index for evaluating the total heat
removed from primary air or its enthalpy drop per unit mass, expressed as:
_ Qtot _ Cpa : mp ’ (tp,in _tp,out) + hfg ) mp : (a)p,in _a)p,out)
H
M ™)

| (28)

4. Model comparison

The newly developed IEC model was compared with the other study results derived from
published papers for two different operation states: IEC without condensation from primary air
and IEC with condensation from primary air. Firstly, the numerical simulation results of a dew
point IEC derived by B. Riangvilaikul [24] were employed to compare the temperature
distribution of the primary air and humidity distribution of the secondary air of the IEC without
condensation. In this kind of IEC, a certain fraction of the outlet primary air is diverted into the
wet channel to act as the secondary air. The simulations were conducted with the present
developed model by setting the same flow pattern, unit geometry and inlet air conditions as given
in the literature. Two representative cases with high humidity (35°C, 21.1g/kg) and low humidity

(35°C, 8.5¢/kg) of inlet air were both compared. The comparisons of the simulation results



between the two models are presented in Fig.4. It was found that the newly developed numerical
model predicts the IEC performance with the discrepancy of 2.8% to 6.3% for outlet primary air

and 1.7% to 5.0% for outlet secondary air humidity.
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Fig.4 Comparison of simulation results with published data (IEC without condensation)

Next, the simulation results of present model under condensation state were compared with the
simulation results in a recently published paper [50]. In this paper, the exhausted air from a
conditioned room with the temperature of 25°C and relative humidity of 50% was used as the
secondary air to pre-cool the humid fresh air. The temperature of the inlet fresh air ranges from
30°C to 37.5°C while the relative humidity (RH) ranges from 70% to 90%. The condensation
from primary air takes place in all the simulation cases, so the primary air moisture content is
reduced as well as the temperature. The comparisons between the simulation results of outlet
primary air temperature and humidity are shown in Fig.5. It was found that the present numerical
model can predict the outlet primary air temperature and humidity with the discrepancy of 5.9%
and 2.4%, respectively. Act as a cooling device, the percentage difference of the sensible, latent

and total heat transfer rate on primary air side was used as another discrepancy index between

- : T I .
the two models, which can be defined as g, =|—0pe Zenlt) | ol odprel
Osen it tin,lit _tout,lit
. qlat,pre _qlat,lit | _ Wyt it _a)out,pre nd _ Cp : (tout,lit _tout,pre) + hfg : (wout,lit - a)out,pre) A
bt = o —a | T T T Yeh (@ —a ) |
qlat,lit in,lit out,lit p in, lit out,lit fg in, lit out,lit

discrepancy of 17.0% can be found in predicting the primary air sensible heat transfer rate



between the present numerical model and reference’s model; while the discrepancy for latent
heat transfer rate was calculated to be 7.9% and total heat transfer rate was 10.9%. The
discrepancy can be attributed to the different heat and mass transfer theory adopted in the two
models, in which convection mass transfer model and heat and mass analogy theory was used for

present model, while Fick’s penetration theory was used in literature’s model.
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Fig.5 Comparison of simulation results with published data (IEC with condensation)

Based upon the favorable comparison of the two models under both non-condensation and
condensation cases, the newly developed IEC model can be used for the following parameter

analysis.

5. Results and discussion

5.1 Temperature and humidity distribution

The air temperature and humidity distribution of the IEC with condensation are shown in Fig.6
and Fig.7. Fig.6 presents the IEC performance with partial condensation for the case of t, =34°C
and RHp =50% and Fig.7 presents the performance under total condensation for the case of tp
=34°C and RH, =70%.
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Fig.6 Temperature and humidity distribution of partial condensation

As shown in Fig.6, the primary air temperature keeps decreasing along the flow direction. The
humidity remains unchanged at the beginning until it reaches the turning point where it begins to
decline constantly. The turning point separates the condensation and non-condensation regions of
the primary air channel. In the non-condensation region, wsat > ®p While in the condensation
region, msat < wp. At the turning point, the saturated humidity at the wall temperature is equal to
the humidity of inlet primary air, in other words, the wall temperature is equal to the dew-point
temperature of inlet primary air.

The reason why condensation takes place can be attributed to the humidity of the primary air is

higher than the saturated humidity at the local wall temperature. So the excessive moisture of the



primary air is condensed, releasing heat to the surroundings at the same time. The higher the
primary air humidity and the lower the wall temperature, the larger the driving force of mass
transfer is and the more latent heat is released. In Fig.6, the diving force keeps increasing along
the primary air flow direction in the condensation region because the wall temperature is reduced
in the same direction.
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Fig.7 Temperature and humidity distribution of totally condensation

In Fig.7, the primary air humidity keeps decreasing along the flow direction and no turning point
exists. Because the high humidity of inlet primary air is higher than the saturated humidity at the
entrance, the condensation takes place in the whole channel. It can be seen that the humidity
difference is increasing along the primary air flow direction at the beginning and remains

relatively constant thereafter. The higher inlet air humidity results in a larger condensation area,



greater mass transfer rate and a higher wall temperature. The average wall temperature in Fig.7 is

24.8°C, 2.2°C higher than that of Fig.6 because of more heat released by the condensation.
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Fig.8 Primary air and secondary air handling process under condensation state

Fig.8 shows the air handling process of the above two cases in the psychrometric chart. It can be
seen that the primary air with lower inlet humidity can achieve a lower outlet temperature, so the
sensible heat transfer rate is larger. It can be attributed to a lower wall temperature. On the other
hand, owing to the higher humidity inlet air, the latent heat transfer rate is enlarged and the outlet
air humidity is reduced significantly owing to the stronger condensation effect. It provides a
practical application field for IEC dehumidification and pre-cooling in the air-conditioning
system. The IEC, acting as a heat recovery device, can counteract part of sensible and latent
cooling load of the fresh air, and reduce the energy consumption of the chiller. Comparing the air
handling processes of the secondary air in the two cases, the outlet temperature, humidity and



enthalpy under total condensation is significantly larger than that of partial condensation. The
reason is that the stronger the condensation effect, the higher the wall temperature is and the
larger the sensible heat transfer is between the secondary air flow and wall. The larger outlet
humidity is because the saturated air humidity is larger at higher wall temperature, so the water

evaporation is therefore enhanced.

Considering the enthalpy change of the primary air, it can be seen that under partial condensation
state, the enthalpy drop was calculated to be 10.35 kJ/kg of which the sensible part accounts for
86.1%. While for total condensation, the enthalpy drop was 17.40 kJ/kg, 0.7 times larger than
that of partial condensation, but the sensible part only occupies 42.6%. It shows that the
condensation can greatly increase the total heat transfer of primary air by enhancing the latent
heat transfer, but decreasing the sensible heat transfer.

5.2 Parameter analysis

In this paper, nine influential parameters of IEC were investigated by the newly developed
numerical model, including temperature of primary air (tp), relative humidity of primary air
(RHp), velocity of primary air (up), temperature of secondary air (ts), relative humidity of
secondary air (RHs), velocity of secondary air (us), channel gap (s), wettability (o) and height of
cooler (H). In the hybrid IEC pre-cooling system, the temperature and humidity of the secondary
air generally vary within a relatively small range as it is the exhausted air from indoor air-
conditioned space. In order to compare the IEC performance under different primary air
humidity, three levels of relative humidity (30%, 50% and 70%) were selected for each
parameter simulation scheme. The detailed arrangement of parameter study is listed out in Table
2. For each studied parameter, the value varied in a range (marked in bold) and the rest remained
unchanged.



Table 2 Summary of the ranges of various parameters

Parameter values

Studied tp RH, Up ts RH; Us S o H

object (°C) (%) (m/s) (°C) (%) (mf/s) (mm) - (m)

tp 24~40 30,50,70 2.0 24 60 2.0 5 1 0.5

RH, 35 30~90 2.0 24 60 2.0 5 1 0.5

Up 35 30,50,70 | 0.5~5 24 60 2.0 5 1 0.5

ts 35 30,50,70 2.0 20~28 60 2.0 5 1 0.5

RH;s 35 30,50,70 2.0 24 40~70 2.0 5 1 0.5

Us 35 30,50,70 2.0 24 60 0.5~5 5 1 0.5

S 35 30,50,70 2.0 24 60 2.0 2~10 1 0.5

c 35 30,50,70 2.0 24 60 2.0 5 0~1 0.5
H 35 30,50,70 2.0 24 60 2.0 5 1 0.1~2

Then, the effects of various parameters on the thermal performance of the IEC under three

operation states (non-condensation, partial condensation and total condensation) were presented

and discussed with four evaluations indexes: condensation ratio, wet-bulb efficiency,

enlargement coefficient and total heat transfer rate.



5.2.1 Influence of primary air temperature
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Fig.9 Influence of primary air temperature on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.9 presents the influence of primary air temperature on the thermal performance of the IEC.
When the air temperature increases with constant relative humidity (RH), the moisture content is
increased accordingly. Keeping constant RHp=50%, the condensation ratio improves
significantly from 0 (non-condensation) to 1 (total condensation) when t, increases from 32°C to
40°C. Regarding the wet-bulb efficiency, it improves with t, under the non-condensation state
because of the larger temperature difference between the two channels. However, it decreases

greatly with the increase of t, once condensation occurs. The reason is that the heat released



through the condensation process raises the wall temperature and outlet air temperature
significantly. The higher the moisture contents of inlet air, the stronger the condensation effect is,
and the more significantly the wet-bulb efficiency declines. On the other hand, the enlargement
coefficient increases linearly with the increase of t, under condensation state, which indicates a
remarkable boost of latent heat removal of primary air. When t,=40°C and RH,=70%, the latent
heat transfer rate accounts for 69% of the total heat transfer rate with the enlargement coefficient
of 3.2.

Considering the total heat transfer, it can be seen that under non-condensation state, the total heat
transfer rate increased steadily and linearly from 10.9 kW/kg to 52.8 kW/kg when t, increases
from 24°C to 40°C. However, the growth rate of total heat transfer rate starts to speed up at
t,=32°C when the partial condensation occurs. The rapid growth can be observed from 31.6
kW/kg to 79.6 kW/Kg as tp increases from 32°C to 40°C. The growth rate was found to be 1 time
larger than that of non-condensation state. Moreover, when the condensation effect becomes
stronger, such as 70% RH at total condensation state, the total heat transfer rate further improves.
It is 55% to 68% larger than that of partial condensation state at RH of 50% under the same

primary air temperature. But the growth rate is similar with each other.



5.2.2 Influence of primary air humidity
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Fig.10 Influence of primary air humidity on: (a) condensation ratio; (b) wet-bulb efficiency; (c)
enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.10 presents the influence of primary air RH on the thermal performance of the IEC. With the
increase of RH, the condensation ratio shows a growth tendency from 0 to 1, i.e., from non-
condensation to partial condensation to total condensation. It improves linearly in the partial
condensation region within a relative narrow RH range. Under the non-condensation state, the
wet-bulb efficiency, enlargement coefficient and total heat transfer rate do not change with the
RH because the sensible heat transfer remains the same. However, the wet-bulb efficiency
decreases linearly with the increase of primary air RH under the condensation state as latent heat

transfer increases. It drops by 22% as the RH increases from 30% to 90%. The total heat transfer



rate keeps unchanged under non-condensation state. Once the condensation occurs, it increases
linearly with the rising of RH no matter under partial or total condensation states. The total heat
transfer rate is 1.8 times larger than that of non-condensation state when the RH reaches 90%.
The corresponding enlargement coefficient can reach up to 4.5, implying the latent heat transfer

accounts for 78% of the total heat transfer.

5.2.3 Influence of primary air velocity
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Fig.11 Influence of primary air velocity on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.11 presents the influence of primary air velocity on the thermal performance of the IEC. The

increase of primary air velocity results in a larger mass flow rate. As the cooling capacity of the



secondary air is constant, the cooling effect is weakened for the primary air. So the condensation
ratio declines from 1 (total condensation) to 0 (non-condensation) with the increase of primary
air velocity for the case of t,=35°C, RHp=50%. Accordingly, the enlargement coefficient also
decreases as the cooling demand of primary air increases. As for the wet-bulb efficiency, the
curves of three operation states show similar trend, which decrease with the increase of primary
air velocity. However, the decline trend for total condensation is more significant than that of the
non-condensation state because it involves latent heat transfer process, which has a negative
effect on the sensible heat transfer and wet-bulb efficiency. For partial condensation, the trend is
more gentle owing to the condensation state’s transformation. For the total heat transfer rate, it
improves with the increase of primary air velocity mainly because of more cooling carrier
provided. But a slower growth rate can be observed under condensation state owing to the

weakening of condensation effect.



5.2.4 Influence of secondary air temperature
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Fig.12 Influence of secondary air temperature on: (a) condensation ratio; (b) wet-bulb efficiency;

(c) enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.12 presents the influence of secondary air temperature on the thermal performance of IEC.
The wet-bulb temperature of the secondary air, which also indicates the limited outlet
temperature of the primary air, will increase with the rising of the dry-bulb temperature at
constant RH. The higher the secondary air temperature, the smaller the temperature difference is
between the channels, and the less the heat is transferred. So the condensation ratio (at the
condition of t,=35°C, RH=50%), keeps decreasing from total condensation to partial
condensation to non-condensation with the secondary air temperature increases from 20°C to

28°C. Because of the weakened cooling capacity of the secondary air, the enlargement coefficient



also decreases a little for the condensation cases. Besides, the decline trend for the total heat
transfer rate can be observed, but the trend is more significant for the condensation state
compared with that of non-condensation state. For example, it declines from 46.3 kW/kg to 32.0
kW/kg under non-condensation state (30.9% decrease); from 63.4 kW/kg to 32.0 kW/kg under
partial condensation state (49.5% decrease) and from 95.4 kW/kg to 57.5 kW/kg under total
condensation state (65.9% decrease). It is owing to the simultaneously decline of the sensible and

latent heat transfer.

5.2.5 Influence of secondary air humidity
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Fig.13 Influence of secondary air humidity on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass



Fig.13 presents the influence of secondary air humidity on the thermal performance of IEC. The
wet-bulb temperature of the secondary air increases with the increase of RH. As a result, the
higher the RH, the less the cooling capacity could be provided. It will result in the decline of
condensation ratio for partial condensation state, decrease of enlargement coefficient for two
condensation states and reduction of total heat transfer for all the three operation states. From the
point of mass transfer mechanism, the secondary air with lower humidity owns a greater ability
to evaporate because of the larger driven force brought by the water vapor concentration

difference between the wall surface and mainstream air flow.

5.2.6 Influence of secondary air velocity
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Fig.14 Influence of secondary air velocity on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.14 presents the influence of secondary air velocity on the thermal performance of IEC. In
contrast with the negative effect brought by the rise of primary air velocity, the increase of
secondary air velocity can enhance the cooling effect because of the larger mass flow rate of the
cooling media. As shown in Fig.14, the condensation ratio improves from 0 to 1 dramatically as
the secondary air velocity increases from 0.5m/s to 5.0m/s. It can be deduced that the wall
temperature is greatly reduced with the increase of the mass flow rate of secondary air and brings
condensation. The higher velocity of secondary air can result in higher wet-bulb efficiency,

larger enlargement coefficient for condensation state and total heat transfer rate.

However, the growth rates of wet-bulb efficiency and total heat transfer rate are different for
non-condensation state and the condensation state. For non-condensation state, the growth rate is
very significant at the beginning when us increases from 0.5m/s to 1.5m/s (the flow rate ratio of
secondary air to primary air is about 0.25 to 0.75), then slows down thereafter. When us is larger
than 3.0m/s (the flow rate ratio of secondary air to primary air exceeds 1.5), the improvement is
limited. While for condensation state, the growing rate for wet-bulb efficiency and total heat
transfer rate are more obvious even though the flow rate ratio reaches 1.5. It can be explained as:
the enhancement effect of adding secondary air flow rate not only improves the sensible heat
transfer but also strengthen the latent heat transfer. Thus, the increase of secondary air velocity
can be a more effective measure for enhancing the cooling effect of IEC under condensation
state. But it also needs to pay attention that the secondary air velocity should not be too large

because it might result in insufficient mass transfer with water film.



5.2.7 Influence of channel gap
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Fig.15 Influence of channel gap on: (a) condensation ratio; (b) wet-bulb efficiency; (c)
enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.15 presents the influence of channel gap on the thermal performance of IEC. Channel gap
was found to be one of the most important influence factors of IEC performance without
condensation in previous studies. In this study, the same conclusion is drawn for the
condensation condition. It is observed that the increase of channel gap results in dramatic
decreasing of the wet-bulb efficiency and total heat transfer rate. Meanwhile, the enlargement
coefficient will also drop a little bit with the increase of channel gap. It is ascribed to the reason
that the larger the channel gap, the more obviously the air bypasses, resulting in insufficient heat



exchange with the cold separated walls As the channel gap increases from 2mm to 10mm, the
efficiency decreases from 88% to 35% under non-condensation state and from 72% to 28%

under total condensation state.

It is noticed that the channel gap has more significant impact on the condensation state as the
downswing trend of total heat transfer rate is more rapid compared with non-condensation state.
It decreases dramatically from 57.8 kW/kg to 23.1 kW/kg under non-condensation state (60.0%
decrease); from 77.1 kW/kg to 25.8 kW/kg under partial condensation state (66.5% decrease)
and from 127 kW/kg to 44 kW/kg under total condensation state (65.4% decrease). It is owing to
the fact that the increase of the channel gap not only weakens the sensible heat transfer but also
impairs the condensation process, which can be validated by the condensation ratio and
enlargement coefficient. The ratio declines especially when the channel gap is less than 5mm. So
the total heat transfer rate and enlargement coefficient changes most greatly in this range.
Considering this finding, the optimal channel gap should be no more than 5mm when there is

condensation takes place.



5.2.8
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Fig.16 Influence of wettability on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.16 presents the influence of wettability on the thermal performance of IEC. It has been

shown in previous studies that improving the wettability of secondary air channel are an effective

measure to enhance the IEC efficiency. The reason is that the higher wettability increases the wet

surface area for evaporation and reduced the wall temperature. In present study, improving the

wettability is also found to have positive effect on increasing the wet-bulb efficiency and total

heat transfer rate for both non-condensation and condensation states.

In addition, the

improvement of wettability can also change the IEC operation condition. It is found that the



condensation ratio increases from 0 to 0.58 when the wettability improves from 0 to 1.0 for the
case of t,=35°C, RHp=50%.

However, the trends for wet-bulb efficiency and total heat transfer rate improvement for non-
condensation and condensation states are slightly different. For non-condensation state, both of
the indexes improve most significantly at the beginning when the wettability increases from 0 to
0.4 and slows down when the wettability exceeds 0.4. While for condensation sate, the overall
increase trend of wet-bulb efficiency is relatively smoother and the improvement of total heat
transfer is still significant when the wettability keeps increasing (although slower than trend at
the beginning). It is attributed to that the increase of wettability improve both the heat transfer
rate and mass transfer rate, but the heat transfer rate is counteracted a little because of the wall
temperature rise brought by the condensation. The enhancement of mass transfer is embodied in
the increase of enlargement coefficient. Considering this finding, the increase of wettability may

bring even better benefit for IEC performance under condensation state.



5.2.9 Influence of cooler height
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Fig.17 Influence of cooler height on: (a) condensation ratio; (b) wet-bulb efficiency; (c)

enlargement coefficient; (d) total heat transfer rate per unit mass

Fig.17 presents the influence of cooler height on the thermal performance of IEC. The increase
of cooler height results in larger heat transfer area and NTU. It improves the wet-bulb efficiency
and the enlargement coefficient for condensation state. The trends of wet-bulb efficiency
improvement with the increase of NTU under three operation states are similar. It improves very
significantly when the NTU is less than 1.5 and slows down greatly once the NTU exceeds 3.0.

So the IEC manufactory should compromise the cost and benefit. The total heat transfer rate is



found to decrease with the increase of NTU because this evaluation index takes the air mass into

consideration. The improvement of heat transfer amount can not make up the adding of air mass

inside the device so that the total heat gained by per unit mass is lowered.

6. Conclusion

This paper established a novel numerical model of indirect evaporative cooler (IEC) considering

condensation from primary air. The influences of nine parameters were analyzed under three IEC

operation states (non-condensation, partial condensation and total condensation) by using four

evaluation indexes: condensation ratio, wet-bulb efficiency, enlargement coefficient and total

heat transfer rate. The main results are highlighted as follows:

1)

2)

3)

Compared with the other simulation results, the developed numerical model of IEC can
predict the outlet primary air temperature and humidity with the discrepancy of 5.9% and
2.4%, respectively. The discrepancies for predicting the sensible, latent and total heat
transfer rate on primary air side are 17.0%, 7.9% and 10.9%., respectively. The discrepancy
can be attributed to different heat and mass transfer theory adopted, in which convection
mass transfer model and heat and mass analogy theory was used for present model, while

Fick’s penetration theory was used in literature’s model.

The condensation from primary air can raise the wall temperature and lower the wet-bulb
efficiency of IEC, but the total heat transfer rate is improved because of the combined
sensible heat transfer and dehumidification processes. The wet-bulb efficiency drops by 22%
as the primary air RH increases from 30% to 90% (t,=35°C, ts=24°C, RHs=60%), but the
total heat transfer ratio is 1.8 times larger than that of non-condensation state when the RH
reaches 90%.

The condensation from primary air tends to take place with higher primary humidity, smaller
primary air velocity, lower secondary air temperature and humidity, higher secondary
velocity, smaller channel gap and higher wettability. The stronger the condensation effect,

the lower the wet-bulb efficiency is, but the higher the enlargement coefficient and total heat



transfer rate are. The enlargement coefficient can reach up to 4.5, implying the latent heat

transfer accounts for 77.8% of the total heat transfer.

4) For the IEC condensation state, the increase of secondary air velocity, decrease of channel
gap and improvement of wettability can achieve more obvious positive effect on enhancing
the heat and mass transfer of IEC than in non-condensation state. In condensation sate, the
wet-bulb efficiency and total heat transfer rate still increase significantly when the flow rate
ratio of secondary air to primary air exceeds 1.5; the total heat transfer rate increases most
rapidly when the channel gap is less than 5mm, so the optimal gap should be no more than
5mm); the total heat transfer rate still increases obviously when the wettability is more than
0.4.
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